Introduction
The roles of a suspension system are to support the vehicle weight, to isolate the vehicle body from road disturbances, and to maintain the traction force between the tire and the road surface. Suspension systems are classified into a passive system and an active system according to the existence of control input. The active suspension system can be further classified into two types: a semi-active system and a fully active system according to the control input generation mechanism. The semi-active suspension system uses a varying damping force as a control force. For example, a hydraulic semi-active damper varies the size of an orifice in the hydraulic flow valve to generate desired damping forces. An electro-rheological ͑ER͒ damper or a magneto-rheological ͑MR͒ damper applies various levels of electric field or magnetic field to cause various viscosities of the ER or MR fluids. On the other hand, the fully active suspension system produces the control force with a separate hydraulic/pneumatic unit. Therefore, the cost and the weight of a fully active suspension system are much higher than those of a semi-active one. Semi-active suspension systems are getting more attention because of their low cost and competitive performance to the fully active ones. In this paper, a road adaptive modified skyhook control for the semi-active Macpherson strut suspension system of hydraulic type is investigated.
The performance of a suspension system is characterized by the ride quality, the handling performance of vehicle, the size of the rattle space, and the dynamic tire force. The prime purpose of adopting an active/semi-active suspension system is to improve the ride quality and the handling performance of vehicle. To improve the ride quality, it is important to isolate the sprung mass from the road disturbances and to suppress the vertical vibrations near 5 Hz ͑4 -8 Hz͒, which is known to be a sensitive frequency range to human body ͑lateral vibrations at 1-2 Hz͒ according to ISO 2631. On the other hand, to improve the handling performance of vehicle, it is important to keep the tire in contact with the road surface and therefore to decrease the resonant peak near 10 Hz, which is the resonant frequency of the unsprung mass. For a fixed suspension spring constant, the better isolation of the sprung mass from the road disturbances can be achieved with a soft damping by allowing a larger suspension deflection. However, the better road contact can be achieved with a hard damping by not allowing unnecessary suspension deflections. Therefore, the ride quality and the handling performance of vehicle are two conflicting criteria in the control system design of suspension systems.
Since the skyhook control strategy was introduced by Karnopp et al. ͓1͔ , in which a fictitious damper is inserted between the sprung mass and the stationary sky as a way of suppressing the vibratory motion of the sprung mass and as a tool to compute the desired damping force, a number of innovative control methodologies have been proposed to implement this strategy. The skyhook control can reduce the resonant peak of the sprung mass quite significantly and thus achieves a good ride quality. But, in order to improve both the ride quality and the handling performance of vehicle, both resonant peaks of the sprung mass and the unsprung mass need to be reduced. It is known, however, that the skyhook damper alone cannot reduce both resonant peaks at the same time. From this point of view, Besinger et al. ͓2͔ proposed a modification of the skyhook control, which includes both a passive damper as well as a skyhook damper, for the computation of desired control inputs. Novak and Valasek ͓3͔ have proposed a groundhook control, which assumes an additional fictitious damper between the unsprung mass and the ground, for the purpose of decreasing the dynamic tire force.
Compared to the various control techniques appeared in the literature, the issues related to the modeling of suspension systems are rare. Jonsson ͓4͔ conducted a finite element analysis for evaluating the deformations of suspension components. Stensson et al. ͓5͔ proposed three nonlinear models for the Macpherson strut wheel suspension for the analysis of motion, force, and deformations. These models would be appropriate for the analysis of mechanics, but are not adequate for control purpose. In the conventional quarter car model ͑Yue et al. ͓6͔͒, only the up-down movements of the sprung and unsprung masses are assumed. In the conventional model, the role of the control arm is completely ignored. From this point of view, a new control-oriented model, which includes the rotational motion of the control arm, is introduced.
As an actuator for generating the semi-active control force, a continuously variable damper ͑CVD͒ is used. Hence, the control force is adjusted by changing the size of an orifice of the CVD. The damping force characteristics of a CVD are highly nonlinear. Also, the CVD used in this work is designed in such a way that it produces much larger damping force in the extension motion than in the compression motion. It is also noted that with a semi-active suspension the control action is applied only when the control force is opposite to the direction of suspension relative velocity.
One way of designing a control system for the semi-active suspension is to figure out all the nonlinearities of the plant and actuator and then to design an appropriate control law based upon both the vehicle dynamics and the actuator dynamics. For this, the fluid dynamics of the variable damper has to be investigated. However, it is not simple to know the complete nonlinear characteristics of the variable damper. Also, considering the fact that the entire control problem is to stabilize a multiple-degree underactuated mechanical system with one saturating actuator in the presence of unknown road disturbances, see Fig. 3 for control problem formulation, the efforts to know the complete nonlinear dynamics of the actuator is not so cost-effective.
Another way is to isolate the most significant nonlinear part of the actuator, which is the variable damper in our case, and to use the real one instead of its mathematical model. In this work, the control law design does not consider the actuator dynamics. However, in the final tuning stage of the control gains, the real actuator is included in the hardware-in-the-loop simulations.
Recently, the computer aided control system design ͑CACSD͒ has been the subject of focus in control implementation. The CACSD is often named as the rapid control prototyping ͑RCP͒ or the hardware-in-the-loop simulations ͑HILS͒ ͑Hanselmann ͓7,8͔͒. In the RCP, the plant dynamics and/or the control laws are implemented in a digital signal processing board, which allows an easy adjustment of various parameters of the plant and/or the controller. If actual hardware is used as a part of simulation loop, the term ''HILS'' is particularly used. Through the CACSD, the total development time and cost can be much reduced. Also, it is easy to introduce a new component or a new algorithm because the test procedure can be easily repeated.
In this paper, assuming the use of a single acceleration sensor for the quarter-car model and a 16-bit microprocessor, a modified skyhook control with gain scheduling is investigated. Contributions of this paper are: First, a new control-oriented model for the semi-active Macpherson suspension system is derived. Second, a control structure extending the skyhook control and including the estimation of road conditions is suggested. Third, the optimal gains for the ISO road classes and the gain scheduling procedure for estimated roads are developed. Fourth, the procedure for incorporating the actuator dynamics via the hardware-in-the-loop simulations is discussed. One final comment is that four sensors ͑three vertical sensors and one lateral sensor͒ for the entire vehicle control are used, but the issues beyond the quarter-car model are not discussed in this paper. This paper is structured as follows. In Section 2, a new model for the semi-active Macpherson suspension system is derived. In Section 3, the control problem is formulated, the skyhook control is modified, road profiles are characterized, optimal gains for the ISO road classes are determined, the gains for the estimated road and two filters for controller variables are designed. In Section 4, the performance of a controlled semi-active system is evaluated using the hardware-in-the-loop simulations. Conclusions are given in Section 5.
Modeling of 1Õ4 Car: A New Model
A schematic diagram of the Macpherson strut suspension system is shown in Fig. 1 . This model admits the rotational motion of the unsprung mass. For the brevity of this paper, the detailed assumptions made for this model are referred to Hong et al. ͓9͔ . If the joint between the control arm and the car body is assumed to be a bushing and the mass of the control arm is included, the degree-of-freedom of a 1/4-car system is four. The generalized coordinates in this case are z s , d, 1 , and 2 . However, if the mass of the control arm is neglected and the bushing is assumed to be a pin joint, then the degree-of-freedom becomes two, reducing the generalized coordinates from four to two, z s and as depicted in Fig. 2 . In Hong et al. ͓9͔, the equations of motion for this model are derived. In this section, the derivation in Hong et al. ͓9͔ is modified to fit to the control problem of the semi-active suspension system with a continuously variable damper.
The definitions of the parameters and variables in Fig. 2 are: Parameters ͑Data͒: m s is the sprung mass ͑453 Kg͒; m u is the unsprung mass ͑36 Kg͒; k s is the spring constant of the coil spring ͑17,658 N/m͒; k t is the spring constant of the tire ͑183,887 N/m͒; l A is the distance from O to A ͑0.66 m͒; l B is the distance from O to B ͑0.34 m͒; l C is the length of the control arm ͑0.37 m͒; ␣ is the angle between the y-axis and OA ͑74 deg͒; 0 is the angular displacement of the control arm at a static equilibrium point ͑Ϫ2 deg͒.
Variables: z s is the vertical displacement of the sprung mass; is the angular displacement of the unsprung mass; ⌬l is the relative displacement in the rattle space, and finally f s is the control ͑damping͒ force generated by the continuously variable damper. Let T, V, and D denote the kinetic energy, the potential energy and the damping energy of the system, respectively. Then, they are
and d l ϭa l b l Ϫb l 2 cos(␣Ј). For the two generalized coordinates q 1 ϭz s and q 2 ϭ, the equations of motion are:
Remark 1: The semi-active damping force, f s , in ͑2͒ includes both the passive damping force and the control force. However, in Eq. ͑9͒ of Hong et al. ͓9͔, there appear two explicit terms, i.e., a passive damping coefficient c p as well as a control input term f a . The equivalence of ͑2͒ and Eq. ͑9͒ of Hong et al. ͓9͔ is shown as follows: If we set c p ϭ0 and f a ϭ f s in ͑9͒, ͑9͒ and ͑3͒ become identical. Also, if we set c p ϭc s and f a ϭ0 in ͑9͒, the application of the relationship such that
Now, define the state variables as ͓x 1 x 2 x 3 x 4 ͔ T ϭ͓z s ż s ͔ T . Then, ͑1͒-͑2͒ can be rewritten as follows:
where
The linearization of ͑3͒ at an equilibrium point x e ϭ(x 1e ,x 2e ,x 3e ,x 4e )ϭ(0,0, 0 ,0) yields:
where 
Transactions of the ASME
Remark 2: Comparing the linearized Eq. ͑4͒ with the conventional model ͑Yue et al. ͓6͔͒, in which only the vertical movement of both the sprung and the unsprung masses is considered, the transfer function of the conventional model and that of ͑4͒ become identical if l B ϭl C , l B ϭl A cos ␣, and 0 ϭ0 deg. Therefore, the conventional model is a special case of this new model in the sense that the same transfer function can be achieved by restricting l B ϭl C and 0 ϭ0. For the detailed comparison, Hong et al. ͓9͔ is referred. Now, because z s is measured, the output equation by defining yϵz s is derived as follows:
and
Remark 3: The variables needed for the computation of control input are the absolute velocity of the sprung mass, ż s , and the relative velocity of the sprung and unsprung masses ⌬ l. In Section 3.6, both ż s and ⌬ l are filtered from the signal z s measured. Recall that the use of only one acceleration sensor is assumed in this work. However, during the stage of hardware-in-the-loop simulations of the control laws designed, the following formula, Eq. ͑5b͒ of Hong et al. ͓9͔, can be used.
Finally, to put the control structure in a feedback form, i.e., the reference signal is ͓ż s ⌬ l͔ T ϭ͓0 0͔ T and its error is regulated, a filtered output equation is defined as follows:
Figure 3 depicts the entire control structure, in which the filtering of ż s and ⌬ l from z s and the road estimation using z s are clearly emphasized. The road estimation will be discussed in Section 3.5 and the filter design will be discussed in Section 3.6. In this paper, the use of only one acceleration sensor for measuring the sprung mass vertical vibrations and a 16-bit microprocessor for implementing the control algorithm is assumed. Therefore, the control law design focuses on the practicality, implementability, and robustness of the algorithm rather than the perfection of performance.
Control Design: A Road Adaptive Modified Skyhook Control
The two control objectives are the improvement of both the ride quality and the handling performance of vehicle. If fixed control gains are used, these two conflicting objectives cannot be achieved. However, by adapting road conditions, i.e., by changing controller gains for various road conditions, both objectives can be achieved.
3.1 Controller Structure. In this paper, as shown in Fig. 3 , a modified skyhook control with gain scheduling, in the form of an output feedback control, is proposed. The measured output is z s . The road disturbance is z r . It is noted that the control law, a modified skyhook control, is not based upon a mathematical model of the plant and therefore the control structure is not a model-based control. However, the mathematical model developed in Section 2 will be used in filtering controller parameters (ż s ,⌬ l) and estimating road conditions (ẑ r ). The reason for adopting the structure of Fig. 3 is justified as follows: The entire control problem is to stabilize a two-degree-of-freedom system with a single actuator involving saturation. The actuator dynamics is complicated and its performance is limited. Furthermore, the two conflicting control objectives cannot be satisfied with fixed gains. Therefore, a heuristic algorithm rather than a control algorithm based upon a precise mathematical model is suggested. In this formulation, the desired reference signals are set to ż s ϭ0 and 
1) Ideal Skyhook Control.
Among the many control methods developed, the skyhook control introduced by Karnopp et al. ͓1͔ is known most effective in terms of the simplicity of the control algorithm. Their original work uses only one inertia damper between the sprung mass and the inertia frame. The skyhook control is applicable for both a semi-active system as well as an active system. However, the original strategy did not pay attention to the unsprung mass vibrations and therefore might deteriorate the handling performance of vehicle due to the excessive vibrations of the unsprung mass. In order to overcome the demerits of the original skyhook control, various modified approaches have been proposed in the literature ͑Besinger et al. ͓2͔, Novak and Valasek ͓3͔͒.
2) Skyhook-Groundhook Control. The groundhook control by Novak and Valasek ͓3͔, which assumes an additional inertia damper between the unsprung mass and the ground, was proposed for the purpose of reducing excessive motion of the unsprung mass. This strategy can compromise the two conflicting criteria, the ride quality and the handling performance of vehicle. From  Fig. 2 , the control force of the skyhook-groundhook model becomes
where c sky , c p , and c gro are the damping coefficients of the skyhook damper, the passive damper, and the groundhook damper, respectively. However, because the value of has to be used, this strategy is not suitable in our case.
3) A Modified Skyhook Control With Gain Scheduling.
A modified skyhook control, which proposes the inclusion of a variable damper besides a skyhook damper, can still achieve both control objectives by assigning most appropriate damping coefficients at various road conditions. The following law is proposed:
where both the skyhook gain c sky and the variable damper gain c v depend on the road estimate ẑ r . The scheduling of gains is discussed in Section 3.5. Even though the calculation of control input is carried out by ͑9͒, the generation of control input should be carried by the variable damper itself. Also, because of saturation, the actual control force from a CVD is limited as follows:
where f s * and f s* denote the maximum and the minimum damping forces available at a given relative velocity. For large control inputs, the actuator saturation would be unavoidable. Therefore, the control performance of a semi-active damper would be less perfect in severe road conditions. The characteristics of a typical CVD are depicted in Fig. 4 . The solid line in the middle section denotes the damping force characteristics of a typical passive damper. The dotted line of highest slope denotes the characteristics for 0 Ampere current input, which is the most hard case. The triangles overlaid on top of the dotted line represent the lookup table values of the maximum damping force. The dotted line of lowest slope denotes the minimum damping force characteristics for 1.6 Ampere current input. Again, the squares denote the lookup table values of the minimum damping force. The damping forces in the extension region ͑the first quadrant in Fig. 4͒ are larger than those in the compression region ͑the third quadrant͒.
Current Generation.
The damping force generated in a hydraulic-type semi-active damper depends on two things: the size of valve opening, i.e., the current input to the solenoid valve, and the relative velocity in the rattle space. To determine the current input to the solenoid valve, it is necessary to know the damping force characteristics of the valve versus the current input at a given relative velocity. For this, two approaches can be pursued. One is an analytic approach, which investigates a mathematical expression for the entire hydraulic system including the cylinder and valve dynamics. However, the mechanism of a semi-active damper is very complicated and the damping force characteristics in the expansion and compression strokes are different because the volumes of compression and reaction chambers are different and some valves allow the fluid to flow only in one direction. It is also difficult to measure the parameter values and furthermore the viscosity of oil and gas mixture may vary in temperature and time. Another approach is an experimental approach, which is more or less straightforward. The damping forces for various input currents for a specific relative velocity can be measured in a test rig. In this paper, the experimental approach is adopted.
The experimental data can be either tabulated as a look-up table or approximated as a polynomial equation by using the least squares method. After dividing the relative velocity range into four different sections, the polynomial equations made for individual sections are tabulated in Table 1 .
As far as the final results are concerned, as seen in Fig. 4 where the number of cases for the lookup table is N p ϭ51, there is not much difference between these two approaches. However, a smaller access time is possible with the polynomial approach. This is very important because the entire control algorithm should be coded in a 16-bit microprocessor. Figure 5 compares the access time of the two methods for the relative velocity range within Ϯ1.4 m/s. It is seen that the access time to the polynomial equation is constant, but the access time to use the look-up table in- creases as the number of cases increases. This is because each case accesses 1000 data. In this work, the polynomial approach is adopted.
As seen in Fig. 6 , the transformation algorithm block determines the duty ratio of a PWM generator by taking two inputs, the desired control force and the relative velocity of the rattle space. In our case, the duty ratios that correspond to 1.6 Ampere and 0 Ampere are set to 0.4 and 0, respectively. The natural frequency of the solenoid valve is about 300 Hz.
Road Profiles.
In this section, the ISO road profiles for the purpose of gain scheduling are described. The mean square displacement spectral density of a track, along the length of a ͑single-sided͒ road surface, defined by the ISO is
where ⍀ is the wave number in cycles/m, ⍀ c ϭ1/2 is the critical wave number, i is the roughness coefficient, iϭA,B, . . . ,E denote various road classes, and N is a dimensionless exponent ͑Robson, ͓21͔, Sharp and Crolla, ͓22͔͒. Table 2 shows five ISO road classes. For a given vehicle speed, ͑12͒ can be converted to a frequency domain characterization of a road by utilizing the relationship between a wave number and a frequency such that f ϭV•⍀, where f is the excitation frequency in Hz and V is the speed of a vehicle in m/sec, as follows:
Note that once the vehicle speed V is fixed, the following relationship holds ͑also see Table 2͒ .
for both Nϭ1.5 and 2.
On the other hand, for a constant i , the relationship between the spectral density of speed aV and that of speed V becomes
Therefore, comparing ͑13͒ and ͑14͒ for a NϪ1 ϭ4, the spectral density on the ISO ith road at speed aV is identical to the spectral density on the ISO (iϩ1)th road at speed V. If 1Ͻa NϪ1 р4, this can be considered as the case that the vehicle runs on a road of roughness between the ISO ith class and the ISO (iϩ1)th class at speed V. Similarly, if a NϪ1 Ͼ4, this corresponds to the case that the vehicle runs on a road of roughness higher that the ISO (i ϩ1)th class at speed V.
All these observations suggest that once the optimal gains for all ISO roads for a fixed speed are determined, then the gain for an arbitrary speed can be interpolated from the optimal gains for the standard ISO roads. Therefore, it is not necessary to make a 2-dimensional lookup table, for the purpose of gain scheduling, for the vehicle speed and the road classes. Instead, a 1-dimensional lookup table for the road roughness is sufficient. In this work, Vϭ60 Km/h is used.
Optimal Gains for the ISO Roads.
The variations of c sky and c v in ͑9͒ affect both the ride quality and the road holding ability of vehicle. Figure 7 shows the conflicting behavior between two criteria for various input conditions ͑simulation results͒, in which the ISO C-class road and a vehicle speed of 60 km/h are used. All plots are generated using the suspension model developed in Section 2. The big circle marked at 0.86 m/sec 2 in the x-axis and 910 Newton in the y-axis indicates the characteristics of the passive damper in Fig. 4 . Because the CVD in Fig. 4 has saturation, its performance is limited to the inside of the dotted rectangle. All curves extending outside the dotted rectangle are obtained by assuming no saturation. As magnified in the upper right corner, if c sky is increased while fixing c v , the body acceleration decreases but the dynamic tire force increases. Also, if c v is increased while fixing c sky , the tire force decreases but the body acceleration increases. Now, the procedure for determining optimal gains for various ISO road classes are discussed. Assume that N d -data of the dynamic tire force and body acceleration, i.e., TF(i), BA(i), i ϭ1, . . . ,N d , have been collected for each ISO road input. Then, the optimal coefficients are determined using the following criterion. where TF and BA denote the RMS values of the dynamic tire force and the body acceleration; w a (z r ) and w t (z r ) are two weighting factors, respectively. The selection of the weighting factors is subjective, but the rougher the road is, the larger w t (z r ) is suggested. It is also noted that the gains should be selected in such a way that the dynamic tire force is smaller than the static tire force. Finally, the optimal gains determined for all ISO roads are tabulated in Table 3 .
Road Detection and Gain Tuning.
In this section, using the data z s measured, the estimation of road roughness and the determination of the controller gain for the estimated road are described. The transfer function from z r (s) to z s (s) is derived from ͑4͒ and ͑5͒ as follows: (0,0, 0 ,0) . It is noted that H has been introduced to avoid possible roots on the imaginary axis. In this work, H ϭ͓0 0 0 614͔ has been used. Therefore, using the transfer function above, the road input can be estimated as follows:
where a low-pass filter of cutoff frequency 20 Hz has been added to enhance the stability of the filter. Now, the gain selection for the estimated road is described. A real road contains various frequency components. But, the dominant components measured in the sprung mass will be the resonance frequencies of the suspension system. The eigenvalues of AЈ are Ϫ1.49Ϯ j7.60 and Ϫ21.38Ϯ j66.73, which correspond to the resonance frequencies of the sprung and unsprung masses at f bn ϭ1.23 Hz and f wn ϭ11.15 Hz, respectively. Now, let ⌬T and N s be the sampling time and the number of data collected from ͑17͒, respectively. In this work, N s ϭ50 and ⌬Tϭ10 msec are used. Let the discrete Fourier transform of Z r ϭ(z r (0),z r (1), . . . ,z r (N s Ϫ1)) be
Because N s ϭ50 and ⌬Tϭ10, the frequency resolution becomes 2 Hz. Therefore, 2 Hz and 10 Hz are assumed to be the resonance frequencies of the suspension system approximating 1. While S( f bn ) in ͑19͒ can be directly used as a criterion for gain selection, S( f wn ) should be converted to the equivalent energy level at the sprung mass resonance frequency as follows:
In deriving ͑20͒, ͑12͒ has been utilized. Finally, the bigger value between two is selected as follows:
(21) Figure 8 shows estimation of three types of the ISO roads, using the scheme in this section. It is seen that the convergence requires at least 0.5 second to collect 50 data points. Transactions of the ASME
, where S i ( f bn ) and S iϩ1 ( f bn ) are the magnitudes of ISO ith and (i ϩ1)th roads, respectively. Then, the control gain g o for the current road estimated is interpolated logarithmically by using the predetermined optimal gains for the ISO roads as follows:
where g i o and g iϩ1 o are the optimal gains for ISO ith and (i ϩ1)th roads, respectively.
3.6 Filter Design. In this section, two filters for estimating the absolute velocity of the sprung mass and the relative velocity of the sprung and unsprung masses are designed. It is also remarked that even though the measurement of or is possible, an estimation method is preferred considering the cost for extra sensors.
1) Absolute Velocity of the Sprung Mass. The filter to estimate the absolute velocity from the acceleration data of the sprung mass is suggested as follows:
where ϭ0.707 and n ϭ0.1 Hz. Equation ͑23͒ performs as a differentiator below 0.1 Hz and as an integrator above 0.1 Hz. Consequently, this filter will provides a satisfactory absolute velocity of the sprung mass by excluding a possible DC offset.
2) Relative Velocity of the Sprung and Unsprung Masses. The relative velocity of two masses is estimated using the model of suspension dynamics. Assume that 0 ϭ0 and is sufficiently small. Then, the following approximations hold:
Therefore, the relative velocity from measurement data is filtered as follows:
where m s , c p , and k s are the suspension parameters. It is noted that a low pass filter 1/(1ϩs) has been added for eliminating noises, where ϭ1/2 l , ϭ0.707, and l ϭ15ϳ20 Hz.
Hardware-in-the-Loop Simulations
The CVD unit has been used for the hardware-in-thesimulations ͑HILS͒. The purpose of the HILS is to consider the actuator dynamics neglected during the stages of modeling and control system design. Therefore, the nonlinear characteristics of the damping force together with the time-delay and the neglected dynamics of the solenoid valve can be fully incorporated during the HILS. Figure 9 shows the configuration for the HILS. MATLAB/SIMULINK ͑MathWorks Inc.͒ is used as a computeraided control system tool, i.e., a programming environment, and a dSPACE board ͑digital signal processor board of dSPACE GmbH Inc.͒ is used as a rapid control prototyping tool for implementing the plant dynamics and control laws.
The input current, generated by the PWM voltage signal from TMS320P14, changes the damping force of the CVD. The relative velocity of the sprung and unsprung masses is made by the MTS test rig, which consists of a hydraulic actuator, a loadcell, a LVDT, etc. The procedure for the HILS is summarized as follows:
1 The control algorithm is first of all designed off-line using MATLAB/SIMULINK.
2 Using the Real-Time-Workshop, a C-code of the control algorithm from its block diagram form is generated. The C-code is again downloaded to the target DSP board using the Real-TimeInterface. Therefore, the dynamic models developed can be reused easily for the HILS.
3 The PWM voltage signal related to the damping force and the relative displacement ͑stroke͒ calculated from the dynamic model in the computer are transmitted to the damper drive unit and the MTS control unit, respectively, through D/A converters.
4 The damper drive unit transforms the PWM voltage signal into a current signal from 0 Ampere to 1.6 Ampere and supplies the current signal to the CVD. The PWM voltage signal has 2 kHz carrier frequency and the duty ratio of the PWM voltage signal Fig. 9 Configuration for the hardware-in-the-loop simulations corresponding to 1.6 Ampere is 0.4. The MTS control unit excites the hydraulic actuator according to the relative displacement command.
5 The damping force of the CVD and the relative displacement are measured using a loadcell and a LVDT, respectively, and transferred to the dynamic model in the computer. By varying the control parameters in real time, the procedures 3-5 can be repeated.
The sampling time is set to 0.01 s. This time step should be larger than the combined time of the calculation time of the plant dynamics and the input-output communication time between the external devices. In experiments when the actual calculation time was larger than the step size, small oscillations had occurred in a valve of the hydraulic actuator. If these oscillations are delivered to the CVD, it will be difficult to measure the exact damping force from the loadcell. Hence, it may affect the stability of the complete control system. Finally, using the speed bumper of 1 Hz, the vertical accelerations of the sprung mass for a passive damper and a semi-active damper are compared in Fig. 10 . The modified skyhook controller with c sky ϭ2000 N•s/m, c v ϭ1960 N•s/m shows a smaller overshoot and a less settling time compared to the passive damper. Figure 11 shows the current input applied to the CVD. It is shown that 0 Ampere current input was applied to the periods of high vertical accelerations. The force tracking performance of the semiactive damper is depicted in Fig. 12 .
Conclusions
In this paper, a new control-oriented model and a road-adaptive control scheme for the semi-active Macpherson suspension system were investigated. The new model incorporates the rotational motion of the unsprung mass, giving a better description for the plant dynamics and keeping the degree-of-freedom of the plant model by two. Upon the requirement of using only one acceleration sensor, a modified skyhook control with gain scheduling was developed. The road estimation and the control variables estimation are based upon the linearized model developed. Considering the complexity of the hydraulic semi-active damper, the actuator dynamics has been incorporated during the hardware-in-the-loop simulations. It was demonstrated that the semi-active system could achieve a competitive control performance by adopting the road adaptive control laws. Because the control law design, the road estimation method, the gain scheduling strategy, and the hardware-in-the-loop simulation method developed in this paper are not restricted to a particular suspension system, the entire strategy can be extended to any semi-active system including the ER damper and the MR damper. 
